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ABSTRACT

The ambient temperature has the greatest effect on gas turbine performance, due to
change of the turbine air inlet-temperature and pressure ratio. Thus, thermodynamic analyses
exposed that thermal efficiency and specific output decrease with an increase of humidity and
ambient temperature. The aim of this project is to design a heat exchanger for gas turbine inlet
air cooling system in order to increase the efficiency of the gas turbine. The project attempts to
maintain a constant temperature of the inlet of gas turbine engine irrespective of the increasing in
ambient temperature. This has been accomplished by developing a mathematical model based on
the step by step techniques so that variation of all design parameters can be calculated. The
author has set the tube diameter and number of rows as the variables while the other geometry
parameters remain constant throughout this project. At the end, a set of variables data is
compared to predict the heat exchanger performance. The increasing of the tube diameter and
number of rows has increased the heat transfer coefficient and pressure drdp in the system.
Among the samples, the optimum design of the heat exchanger consisted of 26 rows of

horizontal tube and 0.06185 m tube inner diameter.
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CHAPTER 1
INTRODUCTION

1.1 Background of Study

Gas District Cooling (GDC) plant in Universiti Teknologi PETRONAS is a
cogeneration plant which produces both electrical power and chilled water for space
cooling in UTP. Since then, the electrical power and chilled water are continuously
supplied to UTP. Cogeneration is a form of energy conservation process, because of the
heat energy recovery that can be lost from the gas turbine exhaust. It consist of gas
turbine engine (GTE), heat recovery steam generator (HRSG), steam absorption chiller
(SAC), air cooled chiller (ACC), cooling tower (CT), and thermal energy storage (TES).
The gas turbine engine drives the electric generator for production of electrical power.
The exhaust heat from the gas turbine is utilized for steam production which is needed
for heating in the steam absorption chiller. The chilled water produced from the steam
absorption chiller is used for air conditioning of the building in UTP. The whole GDC
plant is shown in FIGURE 1.1.

FIGURE 1.1: An overview of the GDC process plant layout (taken from GDC

operational manual)
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The three main parameters that affect the performance of a gas turbine are the
intake air temperature, intake air pressure, and the air-inlet and exhaust-gas head losses.
Thermodynamic analyses exposed that thermal efficiency and specific output decrease
with an increase of humidity and ambient temperature. Therefore, this project proposed
to add an air cooler unit at the air inlet intake of the gas turbine in order to reduce the

ambient temperature, thus, the efficiency of the gas turbine will be increase.
1.2 Problem Statement

Gas turbine operates in an ambient condition that is constantly changing which
affects the performance and efficiency of the plant. It is known that the efficiency of the
gas turbine is relatively low at design point and it worsens further at part load and at off
design at high ambient temperatures especially during the hot days. One way to address
this is by placing an air cooler which is a heat exchanger at the intake side of the gas
turbine which could maintain a constant air inlet temperature into the gas turbine as
shown in FIGURE 1.2. The design of the heat exchanger must take into account the air
volume flow, pressure drop, cooling capacity and demand variation. In addition, the
cooling effectiveness, capacity and efficiency of the heat exchanger are analyzed in

order to get an optimum design.
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FIGURE 1.2: Air cooled heat exchanger from chilled water system (Amell and
Cadavid (2002)).



This project required to design a fin tube air cooler unit installed at the air inlet

intake of gas turbine. The refrigerant or chilled water at 6 °C enters the first row and

leaves the coil from the last row at 13 °C. The hot air from ambient then to be cooled

from 36 °C to 20 °C as passing cross the tubes prior entering the compressor. The mass

flow rate of the air had to be 19 kg/s same with the nominal value at inlet intake for the

compressor in the gas turbine engine. The theoretical model to predict the performance

of this heat exchanger is generated based upon working parameters of the plant.

Ambient air entering, T,
(varies from 36°C max. to
20°C min.)

Chilled water
entering, Tew1
(6°C)

HEX

Ambient air leaving, T, (to keep
constant 20°C)

Chilled water
entering, T,
(13°C)

FIGURE 1.3: An overview of the problem statement




TABLE 1.1: Operating and nominal parameter of GTE. (taken from GDC operation

daily report)

Component Parameters Nominal value  Operating range

Air Compressor Mass flow rate, ma 19 kg/s 14-19 kg/s
Temperature, Ta <32°C 27-35°C
Compression ratio, rc 11.7
Combustion Mass flow rate, mf 0.26 kg/s 0.26-0.3 kg/s
Chamber
Low heating value, LHV 41000 kJ/kg K
Turbine Temperature, Tg 923 K 903 -923 K
Net work, Wnet 4.2 MW 2.44-3.26 MW
Turbine Exhaust Temperature, TET 450 °C 446 - 450 °C
1.3 Objectives

The objectives of this project are:
1. To design a fin tube type heat exchanger for gas turbine inlet air

ii. To analyze the cooling effectiveness, capacity and efficiency of the heat

exchanger



1.4 Scope of Study

This project is aim to design of a coil type heat exchanger that can be fix into a
gas turbine air inlet at the GDC plant in UTP. During the process, research and study has
to be made to find the best design for the heat exchanger and able to utilize and
demonstrate the principles of thermodynamics and heat transfer in solving this matter.
During the design phase, the author has used Computer Aided (CAD) software like
CATIA in designing the structure in developing 2D and 3D modeling of the structure.

The study on the 2D and 3D modeling is to predict the parameters and analyze
the structure of the design. This involves the study on the characteristic flow of the fluid
under certain parameters and to calculate the efficiency of the heat exchanger. The

process has completed within approximately one year timeframe (two semesters).



CHAPTER 2
LITERATURE REVIEW

2.1 Effect of Ambient Temperature on Gas Turbine Performance

Amell and Cadavid (2002), study the effect of ambient temperature on the gas turbine
performance and the influence of the relative humidity on the air cooling thermal load in
gas turbine power plant. It is said that in heavy turbines, the increasing in the ambient
temperature does not significantly affect the volumetric flow, but it does affect the air

mass flow, due to the density reduction.

Since the net power output is directly proportional to the air mass flow, it decreases
when ambient temperature increases. As the result, from FIGURE 2.1 and FIGURE 2.2
show the power output and heat rate variations on relation to the ambient temperature

for a gas turbine that at ISO conditions has a power output of 160 MW.
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FIGURE 2.1: Variation of power output with ambient temperature (Amell and
Cadavid (2002)).
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FIGURE 2.2: Variation of the heat rate with ambient temperature (Amell and
Cadavid (2002)).

They described that the thermal load depends on the air mass flow, on the relative
humidity, on the ambient temperature and on the cooling temperature. Thus the increase
in the relative humidity has a great influence in the thermal load values. In determination
of the influence of the relative humidity on the thermal load for gas turbines, the analysis
had been carried out using a 160 MW turbine that the air mass flow is cooled up to 4.4
°C. The evaluation is carried out considering three relative humidity values, which are
34%, 60% and 80% respectively. From the result (TABLE 2.1), it is noticed that the

higher the relative humidity, the more the air-cooling thermal load that enters the

turbine.
TABLE 2.1: Influence of the relative humidity on the thermal load
Relative humidity (70) Thermal load (ton) Ratio
M 8.620 1.00
60 13.183 1.53
80 16.763 1.94




2.2 Selection Type of Heat Exchanger

Khan, et al. (2006), had study on the heat transfer on the variation of pitch ratio for both
in-line and staggered tube bundles. They develop analytical models for heat transfer
from in line and staggered tubes banks as in FIGURE 2.3 respectively and compared
their predicted results with the present analysis for compact and widely spaced bank.
These models are developed depending on the longitudinal and transverse pitches,
Reynolds and Prandtl numbers. In developing these models, it is assumed that the flow

is steady, laminar, fully developed.
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(a) (b)
FIGURE 2.3: The arrangement of tube bank. (a) Inline and (b) staggered arrangement

As the conclusion, for both arrangements, the heat transfer increases mostly with
decreasing longitudinal pitch ratio, and vice versa. From the comparison, it is observed
that compact banks (in line or staggered banks) indicate higher heat transfer rates than
widely spaced ones. Also for the constant pitch ratio, the heat transfer is higher in a
staggered bank than in an in-line bank. Thus, it is clear that staggered tubes bank had a
higher heat transfer rate.



Compact Heat Exchanger

Compact heat exchangers have been widely used in various applications in thermal fluid
systems including automotive thermal management systems. Radiators for engine
cooling systems, evaporators and condensers for HVAC systems, oil coolers, and
intercoolers are typical examples of the compact heat exchangers which can be found in
ground vehicles. Among the different types of heat exchangers for engine cooling
applications, cross flow compact heat exchangers with circular fins are of a special
interest. This is because of their higher heat performance capability with the lower flow

resistance.
2.3 Pressure Drop Correlations over Tubes Banks

Genic, et al. (2005), had done a research on air pressure drop in helically-finned tube
heat exchangers. Thus, they proposed new correlations for estimation of air pressure
drop in helically-finned tube bundles with in-line and staggered tube arrangement. First,
they develop a mathematical model of heat exchanger, which geometrical parameters are
taken from open literature (Kays and London, and Yudin) to make a correlations analyze
pressure drop of the helically finned heat exchanger for both densely packed staggered
tube and inline bundles. From these correlations, they can be used in design of helically
finned tube heat exchanger in varying Reynolds numbers and geometrical parameters in

order to measure the pressure drop through the heat exchanger.
2.4 Heat transfer enhancement

To analyze the exchanger heat transfer problem, a set of assumptions are introduced so
that the resulting theoretical models are simple enough for the analysis. The following
assumptions and idealizations are made for the exchanger heat transfer problem

formulations.

1. The heat exchanger operates under steady-state conditions (constant flow rates and
fluid temperature).

2. Heat losses to or from the surrounding are negligible (adiabatic process).



No energy sources or sinks in the exchanger walls or fluids
The temperature of each fluid is uniform over every cross section.

Wall thermal resistance is distributed uniformly in the entire heat exchanger.

CUl

The individual and overall heat transfer coefficient is constant throughout the
system.

7. The specific heat of each fluid is constant.

Ramesh and Sekulic, (2003), explained that, in order to increase the heat transfer area,
extended surface can be attached to the primary surface of the tubes. Such as fins. Thus,
heat is conducted through the fin to the surrounding fluid, or vice versa by convective
heat transfer method. As a result, the addition of fins to the primary surface reduces the
thermal resistance on that side and thereby increases the total heat transfer from the
surface for the same temperature difference. Yet, for some cases, the addition of the

secondary surfaces will cause decreasing in pressure drop.
Fin Efficiency for Radial Fin

For radial fin the geometry as illustrated in FIGURE 2.4, the inside and outside radius
are R; and R, respectively, and the fin has a uniform thickness 7. the outside edge of the
fin at =R, is defined as the fin tip. The origin is located at the center of the cylinder at
r=0 even though the fin itself begins at =R;.

FIGURE 2.4: Radial fin geometry ( Shah and Sekulic, 2003)
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The solution of the equation subject to the preceding boundary conditions involves
Bessel functions, special functions with problems with circular or cylindrical symmetry.

The author presents the efficiency of a radial fin in graphical form in FIGURE 2.5.
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11



CHAPTER 3
DESIGN METHODOLOGY

An overview of the methodology of heat exchanger design is presented in this section.
The methodology of this research is presented in FIGURE 3.1. The research starts with
the background study of the gas turbine intake requirement and the effect of ambient
conditions (temperature, relative humidity and pressure). The study then proceeds with
understanding the principles of heat transfer between circulating chilled water and air
through coils, plates or tubes. At this stage, the author had to identify what are the laws
or principles that are associated with the heat exchanger design. These include fluid
mass flow rates, fluids types and its propeqies, temperatures and pressures at both inlets,

fouling effect, pressure drop and also heat transfer rate.

After that, the research proceeds to the next stage which s to study of heat exchanger
design parameters and standards. A proper selection of the material and type of heat
exchanger whether it is plate or fin-tube is made depending on the operating
temperature, pressures, type of fluids used, heat flow rate and its thermal resistance

according to international standards (such as ASME or TEMA standards).

Next stage is to develop a heat exchanger with high air flow rate, large temperature
reduction range, and minimal pressure drop across the cooler. During this stage, an
estimation of heat exchanger core parameters is introduced taking into consideration of
the area of the turbine inlet, desired heat transfer rate and outlets temperature to develop
a mathematical model. This model is used as the platform for the author to make the
analysis for the heat exchanger performance. For comparison analysis, the author has
introduced six sample of data in which has different tube diameters and different number
of tubes as the variables as shown in TABLE 3.1 and TABLE 3.2. The others
parameters such as fin geometry, frontal area are assumed to be fix throughout the
analysis. This variables however has been made based on the standard from the reliable

resources, for instance, the tube diameter can be found from the APPENDIX D

12



TABLE 3.1: Outer and inner tube diameter for each sample.

Tube Outer Diameter. Tube Inner Diameter,

D, () Di{m)

Sample 1 0.02858 0.02527
Sample 2 0.03493 0.03162
Sample 3 0.04128 0.03762
Sample 4 0.05398 0.04976
Sample 5 0.06668 0.06185
Sample 6 0.1302 0122

TABLE 3.2: Number of rows for each sample.

Nunther of Rows

Sample 1 18 20 ' 22 24 26
Sample 2 18 20 22 24 26
Sample 3 18 20 22 24 26
Sample 4 i8 20 22 24 26
Sample § 18 20 22 24 26
Sample6 18 20 7 2 2%

*each row has a fixed number of 20 tubes.

In the end, a set of data comprising all the heat exchanger is summarized for the
comparison analysis at the same time has been used to find the optimum heat exchanger

design and the desired temperature outlet.

13
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FIGURE 3.1: Flow chart of the Methodology used in the research



3.1 Tools

3.2.1 CATIA
The software used to develop the 3D modeling of the structure and analyze of the structure.

3.2.2 Microsoft Excel

Used to generate data from the variables geometry data for further analysis
3.2.3 Online Resources and Journals

Literature review study and reference for standards

3.2 Progress
a) Gantt chart

TABLE 3.3: List of Activities during the project

Project Work Continues

a) continuity from FYP 1 (Heat Exchanger Thermal Design)
b) compute heat transfer coefficient & overall efficiency
c) Numerical Modeling of Cross Flow Compact Heat Exchanger (FLUENT)

2 | Submission of Progress Report

3 | Project Work Continues

a) Modeling design and meshing

b) Computational Model Results for Heat Exchanger
Pre-EDX

Submission of Draft Report

Submission of Dissertation (soft bound)
Submission of Technical Paper

Oral Presentation

Submission of Project Dissertation (hard bound)

SRSy

(oo~ |h| &

1T
-
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CHAPTER 4
MATHEMATICAL MODEL
4.1 Thermal Properties

The first step in making the calculations is to find all the values of thermal
properties in regard of designing the heat exchanger. Both air and water
properties are based on the inlet temperatures which are 36 °C for air and 6 °C
for water respectively (APPENDIX A and B). The thermal properties of liquid
are given in the TABLE 4.1 below. |

TABLE 4.1: Thermal properties of the hot air and chilled water

Outside tubes: nside tubes:

Properties

1ot air Chilled water

Inlet temperature, T;, (°C) 36 6
Outlet temperature, Tou (°C) 20 13

Heat capacity, C, (kJ/kg.K) 1.007 4.183
Thermal conductivity, k (W/m.K) 0.0263 0.579
Dynamic Viscosity, g (kg/m.s) 184.6x 107 14805.2x 10”
Kinematic Viscosity, v (m’/s) 15.89x 10° 148.06 x 10
Density, p (kg/m°) 1.1614 ' 1000
Prandtl number, Pr 0.707 10.69

4.2 Mass Flow Rate

To compute heat transfer rate for ambient air, first need to find convective heat

transfer rate using Newton’s law of cooling
Qh = (mlcp )AT

16



0n = (22) (522) (309 - 293)K

= 306.128 kW

From the theory of energy balance equation, heat transfer out from hot air is
equal to the heat transfer in chilled water. Thus the mass flow rate for chilled

water is;

Qn = Qc = C AT

4.198k]
kg.K

306.128kW = 1it, (=) (286 — 279)K

m, = 10.42 kgfs

Hence, to have the desired temperature difference, it is required to transfer
306.128 kW of heat from the air by the chilled water and the required mass flow
rate for chilled water is 10.42 kg/s.

4.3 Log Mean Temperature Difference

Temperature of fluids varies along the heat exchanger, thus to overcome this
difference, we used the LMTD method to have the average temperature
differences in each fluids. For log mean temperature difference (LMTD) is given
by this equation; where the subscripts @ and w refer to the air and water

respectively.

_ (Ta,in - Tw,out )‘“ (Ta,out - Tw,in)

ATy, =
" n (Ta,in — Tw,out)
(Ta,out - Tw,in)

!

_ | (309 — 286)- (293 - 279)
B (309 — 286)
in {(2‘9‘3 —7279)

=18.13°C=18.13 K

17



4.4 Sizing Constraint

One of the good approaches to the sizing problem was to make a rough estimation of the
values for the physical core characteristic of the fin tube heat exchanger in the region of
the interest and then using the analytical approaches to come out with a design
calculation model. Then we calculated the performance for comparison with the
specified performance, (Shah and Sekulic, (2003)). In developing these models, it is
assumed that the flow is steady, laminar, and fully developed. A set of performance data

is summarized in APPENDIX F.

Tirst a rough estimation of the size of the heat exchanger using overall heat transfer
coefficients values, U from TABLE 4.2. From the table, the author has assumed for
water to gas heat exchanger duty, the U value is 75 W/m>.K

From the heat transfer equation, the author has used the heat transfer rate equation to

find the heat transfer surface area, A.

A= ¢
UAT,
306.128 kW

_ - 2
A= GswmIs 3Ky | o™

Thus, the total heat transfer area surface required is 225.14 m”.

18



TABLE 4.2: Typical overall heat transfer coefficients

Heat Exchanger Duty U (W/m?.K)

Water-to-water 800-2000
Water-to-oil 100-350
Water-to-fuel 200-1000
Water-to-heat-transfer liquids 650-1500
Steam condenser 1000-6000
Refrigerant condenser 300-1000
Water-to-gas 40-75
Steam-to-gas 20-300
Gas-to-gas 10-40

4.5 Physical Characteristics of Fin Tube Heat Exchanger

For the fin tube heat exchanger, the copper tubes are arranged parallel to one
another in staggered as illﬁstrated in FIGURE 4.1. The chilled water is supplied
through the tubes in the first row, circulated in the tube bank and leaving at the
last row, while the ambient air entered the heat exchanger in cross flow direction
with the chilled water in a cross flow method. Radial fins are used to enhance the
heat transfer area are attached perpendicular to each of the tubes. Thus the
primary surface area {outside area of bare copper tubes) is enhanced greatly by
adding a secondary arca of fins. The total area including fins is called total
surface area, A, for use in the calculations, in this report. The cross-section
(Length x Height) across the heat exchanger which air flows is called the frontal
area, Ag.
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FIGURE 4.1: (a) Chilled water coil construction. (b) A 4-row coil with a 4-tube face.
(c) Geometry of the radial fin perpendicular to tube. (d) Tube transverse and longitudinal
pitch in tube bank

Thus, for this problem the author has figured out the initial estimation of the fin tube
geometry. TABLE 4.3 below shows the rough estimation of geometrical data for the fin
tube heat exchanger taken from Sandar and Ulrich, (2003).
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Table 4.3: The heat exchanger geometrical data

Parameter

Core Length, L, 125 m
Depth, L 0.5m
Height, 13 1.0m
No. of row, N, 3
No. of tube, N; 18
No. of fins/tube 143
Transverse pitch, Xt 0.15m
Longitudinal pitch, X, | 0.15m

Fin Fin spacing, £, 8.75x107 m
Height, f; 16.25x10° m
Thickness, f; 6.25x10° m
Fin diameter, D, 0.1075 m
Material Copper

Tube Inside diameter, D; 0.0675 m
Outside diameter, D, 0.0750 m
Wall Thickness, 0.0075 m
Material Copper

4.6 Air Side

4.6.1 Reynolds Number, Re

The Reynolds number for cylinder form in cross-flow is based on the maximum
velocity that occurs at the fransverse plane. For staggered tube banks, the

maximum velocity,U,, .., can be defined as

U = sl U
me = 2y~ D)
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Where U, is the upstream velocity of air and can be found by the following

equation,
u mair
® Afrpalr
19kg/s
Ug = g/ T = 13.08m/s
(1.25 m2)(1.1614 m—%)
and

Thus, the maximum velocity is

0.15

Umax = 2(0.184 — 0.1750) (13.08) = 109 m/s

For Reynolds number, which is, for a cylinder in cross flow is defined by this

equation.
UmaxD
RQD = ax
(109 %) (0.0750 m)
RBD = mz
15.89 x 10*6—5_—
Rep = 5.14 x 105
Where,

v = kinematic viscosity of air
D, = outer diameter of tube
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Thus, the flow is turbulent since, Rep > 2 x 10° and assumed to be steady flow

and fully developed.

4.6.2 Convective Air Heat Transfer Coefficient

To calculate the heat transfer coefficient, first need to determine the Nusselt
number, the author has used equation taken from Colburn, (1972), for heat

transfer in cross flow air in staggered tube bank as follow,
Nup = 0.33Rep®pr/3
Nup = 0.33(5.14 X 10.5)0-6(0_707)1/3
Nu;, = 785.05

Thus, the heat-transfer coefficient for ambient air in the tube bank is

N
h= uDk
D,
w
(785.05) (0.0263 = w
= ( k) = 27533
0.0750 m m2.K

4,6.3 Pressure Loss

When ambient air flows across the tube bank, a pressure drop develops across
the bank from the inlet to the outlet. The pressure drop can be calculated using
the relations below taken from, Kirk D. Hagen, Heat Transfer with Application,
Prentice Hall, Inc. (1999,

UZ
Ap = NLQS'O maxf

Where the friction factor, f, is determined using FIGURE and ¥; is the number of
rows in the tube bank. The correction factor, @, is applied when Xt#X|. The

values of f is depend on the Reynolds number, and parameter ¢ and 5. The
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parameters a, b, can be defined as transverse and longitudinal pitch over outer

diameter respectively.
=D T 0075 '
T D T 0.0750m

1! 10 10? 16° 10° w0t
Ra
FIGURE 4.2: The friction factor for staggered tube bank is a function of the
Reynolds number. (Zhukanskas (1987))

From the FIGURE 4.2, the author estimated the frictibn factor to be, f=0.1.
Since the X=X, correction factor,@, d_oes not applied.Thus, the pressure loss in

staggered tube bank can be defined by,

Iy U%wx f

2
2
(1.16142)(109) ] 0D

Ap = N,

Ap = (3)[

Ap = 2.07 kPa
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4.7 Water Side

4.7.1 Reynolds Number, Re

First the author needed to compute the pipe flow area and velocity of the water
using the following equation. Assumed that the tube is smooth surface and the
flow is steady flow and fully developed and the area remains uniform along the

tube.

a) Pipe flow area: 4; = %Df

= 5(0.0675)2

=358 %x 1073 m?
Mass velocity,

1y 10.42 kg/s

Um = Ap " (358 % 103 m®)(1000 kg/m?)

=291 m/s

For internal flow in a circular pipe, the Reynolds number can be calculated from
this equation where v is the kinematic viscosity of the water and D; is the inner

diameter of tube,

_ Dty (0.0675)(2.91)

— = 1.327 x 105
v 148.06x10

Re

4.7.2 Convective Water Heat Transfer Coefficient

Because the Reynolds number is greaier than 10000, the flow is fully turbulent.
In order to compute the value of Nusselt number and friction factor, the author
used Gnielinski’s correlation (1976), which can be applied if 1.00< Pr < 10° and

2300 < Re <5x10% From the correlations, first need to find the friction factor, f

1
"~ (1.82log gRe — 1.64)2

f

|
T (18210491327 x 105 — 1.64)2
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1
"~ [1.82(5.123) — 1.64]2

= 0.0169

Then the correlation the author used to find the Nusselt number can be defined as
below, with /8 = 0.0169/8 = 2.1 x 107

. (%) (Re — 1000)Pr

1 2
1.00 + 12.7(f/8)Z(Pr3 — 1)

(21 % 107)(1.327 x 10° — 1000)(10.69)

1 2
1.00 +12.7(2.1 x 10-#)Z[(10.69)3 — 1]

2.956 x 103
1.00 + (12.7)(0.0458)(4.853 — 1)

2.956 x 103
3.24

= 912.03

Thus, the heat transfer coefficient of chilled water is,

o Ky 0579
D *T 00675

912.03) = 7.823 x 10°
(912.03) = 7823 X 10° ——

Where £, is thermal conductivity of the water and D is internal diameter of pipe.

4,7.3 Pressure Loss

Pressure drop in tubes can be estimated by first calculating the pressure drop for
a straight tube in the bundles. Since the flow in the tubes is turbulent flow, the

author used this Darcy-Weisbach correlation below to find pressure loss.

= 1))
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Where;

= Friction factor

L= Length of tube

Dy = Hydraulic diameter of tube
p = Water density

Uy = Water velocity in tube

Typical roughness values for several different pipe and ducts are given in
TABLE 4.4. With roughness, ¢ for copper is 1.5 x 10° m; the roughness ratio

can be calculated:
Roughness ratio = D; f¢

=0.0675 m/1.5x10° m = 45000

TABLE 4.4: Roughness for new pipe and ducts is a function of material and
manufacturer. Moody L.F, Friction Factors for Pipe Flow (1944)).

Pipe/Duct material Roughness (mm)
Glass, plastic 0.0 {smooth)
Drawn tubing (copper, brass, etc.} 0.0015
Commercial steel and wrought iron 0.045

Cast iron, asphait coated 0.12
Galvanized iron 0.15

Cast iron, uncoated 0.26
Concrete 0.3-3.0
Riveted steel 0.9-9.0
Fiberglass duct, rigid 0.9
Fiberglass duct liner, spray coated 3.0

Flexible duct, fabric and wire, fully 1.0-4.6
extended

Flexible duct, metallic, fully extended 1.2-2.1
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Knowing the Reynolds number and tube roughness, ¢, enable the author to find
the friction factor, £, using this equation. A mathematical formula that represents
most of the transitional region and the entire turbulent of the Moody diagram has

been given by Swamee and Jain, (1976) as below.

0.25

1 5.74
+ 503

0.25
f= 5= 0.0170

[1 ( 1 574 )]
°B\37(#5000) * (1327 x 105)%9

Thus, the major loss for the single 1.25 m tube can be calculated with the Darcy-
Weisbach Equation :

o = £ (32) (57)

1.25 1000 kg/m3)(2.91 2
=(0.0170)(==) [( g/mz)( m/s) ]

= 0.916 kPa (for sigle tube)

So the total pressure loss in tube banks is the total pressure loss in all single tube.
App = Z.Ap,where number of tubes, N = 18

App = 0.916 kPa X 18 = 16.488 kPa
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4.8 Overall Heat Transfer Coefficient

The overall heat transfer coefficient, U, can be defined as below. Here the author

has neglected the wall and fouling thermal resistance.

U= 1

1A, 1
hy "k " hy

_ 1

- 1 + 0.024 + 1
7.823 x 103 52 275.33

= 236.

U =23689 ——
Where;

h,, = Heat transfer coefficient of water

h, = Heat transfer coefficient of air

Ar = QOuter radius of finned tube

k = Thermal conductivity of copper tube, 52 W/m.K
4.9 Fin Efficiency for Radial Fin

For this part, the author used the corelation based on Shah and Sekulic, (2003),
that the performance of the fins is judged on the basis of enhancement of heat
transfer relative to the no fin case. The performance of fins expressed in terms of

the fin effectiveness, &z, The overall effectiveness of the finned tube is

_ Qtotar fin

Qtotal nofin

The first step is calculating the value of parameter m, where has units of inverse
length and is defined by this equation below. Where & is thermal conductivity of
the fin, ¢ is the thickness of the fin and 4, is the heat transfer coefficient of
ambient air. For this problem, the thermal conductivity of copper at 300 K is
listed in APPENDIX Cas k=52 W/m K
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Parameter m,

_ e
m=

2 (275.33

27 %)

(5272%) (625 x 10-2 m)

m=

= 4116 m™!

The dimensionless quantities needed to obtain the fin efficiency from FIGURE
2.5 are,

65 = m(R,, - Rl)
= (41.16 m_l)(0.0538 —0.0375)m = 0.67
’ And,

Ri 0.0375m _

Lot 069
R, 0.0538m O

Where;
R; = tube radius from the center
R, =radius of the fin from the center (fin tip)
(See FIGURE 2.4)

Hence the author estimated the fin efficiency,n, from the graph in FIGURE 8 as,

n~0.86

In the case of no fins, heat transfer from the tube per meter of its length is

determined from Newton's law of cooling to be,
Anp fin = TDoL = (0.0750)(1.25) = 0.2945 m?

Qno fin = RaAne fin (T, — T)
= (275.33)(0.2945)(6 — 36) = —243 kW = 243 kW

Where T}, is the surface temperature and T, is the fluid bulk temperature. And

for the area and heat transfer rate of fin,
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Agim = 2n(R2 — RZ) + 2mR:if;
= 21[(0.0538)% ~ (0.0375)?] + 2m(0.0375)(6.25 x 1073)
= 0.0108 m?
Qin = finhalsin(Ty — Te)
= (0.86)(275.33)(0.0108)(6 — 36)
= —0.077kW = 0.077 kW
Noting that the space between the two fins, S, is 8.75x10" m, heat transfer from
the un-finned portion of the tube is
Aungin = 1D,S = m(0.0750)(8.75 X 1073)
= 0.00206 m?
Qunfin = MAyngin(Ty — Teo)
= (275.33)(0.00206)(6 ~ 36)

= —0.0017 kW = 0.0017 kW

Thus, the total heat transfer from the finned tube becomes

Qtotal fin = Nf(inn + Qunfin)
= 143(0.077 + 0.0017)kW = 11.25 kW

The overall effectiveness of the finned tube is

Qtotal fin __ 1125KkW __
Qtotat nofin 243 kW

4.63
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4.10 Heat Transfer Area

In this part, the author has computed the heat transfer area of the heat exchanger
based on the fin geometry explained earlier. The total heat transfer area A, consist
of the area associated with the exposed tubes and header plates (primary surface
area), 4, and the fins (secondary surface area), A Where & is the fin thickness,
Ny is the number of fins per unit length, and N, is the number of tubes, Ramesh

K. Shah and P. Sekulic, (2003).

2
D o Nt)

Ap = 1Dy (Ly — SN Ly Ne + 2(LapLs ——

A, = m(0.0750)[(1.25 — (6.25 x 1073)(143)(1.25)](18) +

m(0.0750)2

2[05)(1.0) - 250 (19)]
= 1.404 m?

2m(D?e—D%,
Ar = [’“—4-—-1 + nDeé] N;L,N,

- [2n[(0.10752—0.07502)

- Lt 2(0.0750)(6.25 x 107%)] (143)(1.25)(18)

=34.7 m?

Hence, the total surface area is the sum of the primary and secondary surface

arca.
Ay = Ay + A
= 1.404 + 34.7
= 36.104 m?

The minimum free-flow area for the tube arrangement is that area for a tube bank

minus the area blocked by the fins:

L
Ao = [(X; — Do)Ly — (D — D,)SNs L | x
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= [(0.15 — 0.075)(1.25) — (0.1075 — 0.075)(6.25 x 10~3)(79)(1.25)] ==

= 0.49 m?
Frontal area surface;
Arp = L1
= (1)(1.25)

= 1.25 m?
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CHAPTER 5
RESULTS & DISCUSSION

5.1 General

In order to perform the heat transfer analysis of an exchanger design, the important
variables of the author best interest are the tube size diameter, number of rows and fin
spacing. The six samples data are extrapolated in the spreadsheet as in APPENDIX F
for comparison the best design heat exchanger. The analysis is concentrated on getting
variable of air exit temperature, heat transfer rate, water mass flow rate, flow
characteristic, total heat transfer area surface and. A new design model of heat
exchanger is essential to acquire the largest temperature reduction, higher overall heat

transfer coefficient, higher heat transfer rate and smaller pressure drop.
5.2 The Effect of Ambient Temperature on the Chilled Water Mass Flow Rate

In general, for increasing inlet temperature the chilled water mass flow rate will be
increased because of increasing heat load in order to control the air leaving the heat
exchanger (20°C) prior of entering the gas turbine inlet. The ambient air temperature
effect on the chilled water mass flow rate is shown in FIGURE 5.1. Theoretically, the
heat transfer rate is increased as the ambient temperature increase in order to have the

desired maximum temperature reduction of air outlet as shown in FIGURE 5.2.
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FIGURE 5.1: Ambient air temperature vs. mass flow rate
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FIGURE 5.2: Ambient air temperature vs Heat transfer
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5.3 Analytical Model Results for Heat Exchanger Design

The analytical model results of the heat exchanger design, including heat transfer rate,
heat transfer coefficient for air side, and overall heat transfer coefficient for each row of
the heat exchanger, pressure drop and heat exchanger effectiveness are shown in the
APPENDIX G. Air leaving temperature and water mass flow rate entering the heat
exchanger which must be controlled according to the requirements of present study. The
author has presented these values in the graph for comparison. Below are the variables

output that the author are concentrating.

5.3.1 Effect of Number of Row to the Total Heat Transfer Rate for Air Side

The total heat transfer rate for air side, it is the summed of the heat transfer rate in fin
and tubes as shown mention earlier in the Chapter 4. The heat transfer rate is depending
on the surface area of contact between the fluids which is in this case is gas-to-fluid. The
increasing in tube diameter meaning the addition of the surface area for the cross flow
air thus, increasing the heat transfer rate. Adding the rows is another option for
increasing the heat transfer rate which is in the case of fixed frontal area. As shown in
the FIGURE 5.3. From the Chapter 4, the required heat transfer rate to maintain the
outlet temperature (20 °C) is 306.128 kW. Thus, the author used it as the reference point
in order to find the best design.

TOTAL HEAT TRANSFER RATE, Q (W) VS NUMBER OF ROWS ‘
2.00E406 —— - ol e oo L
| & ' —8 ‘ |
3 1.50E406 — i
: Pt
& 1.00E406 =52
R ——53 |
} g 5WE+05 M — I _“_54 |
| & —#=55
| § 0.00E+00
18 20 22 2 26 =856
NUMBER OF ROWS |

FIGURE 5.3: Total heat transfer rate vs number of rows
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5.3.2 Effect of Tube Diameter to the Heat Transfer Coefficient

As been mention earlier in the Literature Review, the staggered tube arrangement for the
air cooled heat exchanger is chose instead of the in-line tube bank because of the high
heat transfer rate. We assume that the frontal area of the heat exchanger fixed and the air
mass flow rate is constant through the heat exchanger. Thus, from the graph in the
FIGURE 5.4 the author had to conclude that the increasing size of tube diameter has
caused the heat transfer coefficient of the system is increased directly. This is because
the minimal area flow of the air, A, is reduced and thus the flow restriction has

increased.

For the internal pipe, the heat transfer rate in decreasing as the tube diameter in
increasing as shown in the FIGRURE 5.5. Theoretically, the heat transfer rate in the
internal pipe is depending on the fluid velocity which is the chilled water. Increasing the
tube diameter has made the area inlet of the pipe is bigger thus the water velocity
became smaller as been described in the Chapter 4 in this report. Thus, for the final
design, the author has to consider the tube diameter which is most suitable for the

problem and has the highest value of heat transfer coefficient for both fluids.

HEAT TRASNFER COEFFICIENT AT AIR SIDE OVER TUBE DIAMETER ‘
2.50E+02 =

2.00E+02 +

:  1.50E+02 -

1.00E+02

—g—Air Side
S5.00E+01 —— — —

Heat Transfer Coefficient, h
(W/m2.K)

‘ 0.00E+00 —— T e e ————
0.02858 0.03493 0.04128 0.05398 0.06668 0.1302

\
] Tube Outer Diameter, Do, {m) '

I— ittt |

FIGURE 5.4: Heat Transfer Coefficient Vs Tube Diameter for Air Side
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HEAT TRANSFER COEFFICIENT AT WATER SIDE OVER TUBE
DIAMETER |

6.00E404
5.00E+04 -
4.00E404 |
\ 3.00E404 -
2.00E404

=—4==\Water Side
1.00E+04 -

Heat Transfer Coefficient, h
(W/m2.K)

0.00E+00 +——— , f S
0.02527 0.03162 0.03762 0.04976 0.06185 0.122

Tube Inner Diameter, Di, (m)

FIGURE 5.5: Heat Transfer Coefficient Vs Tube Diameter for Water Side

5.3.3 Effect of Number of Rows to the Pressure Drop

From the literature review, the author had assumed that the staggered tube bank has
greater heat transfer rate, also has higher pressure drop. The staggered arrangement of
the tube has caused the flow of air is restricted and thus slowing down the speed and at
the same time pressure is dropped. The increasing the number of rows has continuously

increased the pressure drop of air as shown in FIGURE 5.6.

For the water side, the pressure drop is also increased as shown in the FIGURE 5.7. The
pressure drop in the inner pipe is smaller compare to the air side, yet it is to avoid the
minimal as it could. The pressure drop for the inner pipe is based on the summed of the
pressure drop in single pipe. Thus, when the tubes number is increased the total pressure
also increased. These all six sample has different values of pressure drop, which the

author has to figure out which design has the allowable pressure drop.
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FIGURE 5.6: Pressure drop vs number of rows for air side
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FIGURE 5.7: Pressure drop vs number of rows for water side
5.3.4 The Air Outlet Temperature

The outlet temperature of air, 7, can be determined by using energy balance and is given
by this equation below (Khan, et al. 2006), where N7 is the number of tubes in any given
row, N is the total number of tubes in the bank, h, U,, and Xy is the air heat transfer

coefficient, mass velocity and transverse pitch respectively. The author has used this
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equation since the outlet temperature is known, to find the total number of tubes and

tube diameter of the design.
—nD,Nh
Ty — T, = (Tw — T)exp (m)
T =T T T —nD,Nh

The result is shown in the FIGURE 5.8. For this problem, the required air outlet
temperature is 20 °C , thus the sample has the value laid within the region is to be
considered. Based on the graph in FIGURE 5.8, sample 5 and sample 6 is the only that
meet the requirement and narrowed down the number of options. In the end the author

has to determine which one is the most optimum design of the fin tube heat exchanger.

AIR OUTLET TEMPERATURE VS NUMBER OF ROWS
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FIGURE 5.8: Air outlet temperature comparison for the samples based on the number
of row in the tube bank
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5.4 Final Core Design

From the initial design, the author has assumed the fin geometry and characteristics are
fixed. The only variables that have been looking into are the number of rows (number of
tubes) and the tube diameter. Thus, for this section, the author has concluded the design
of the fin tube heat exchanger based on the analysis earlier. The design parameters are
summarized in the TABLE 5.1 below.

TABLE 5.1: Final design of the fin tube heat exchanger

Core Length, L, 1.75 m
Depth, L 1.0 m
Height, L; 1.25m
No. of row, N, 26
No. of tube, N; 520
No. of fins/tube 1094
Transverse pitch, Xy 0.25m
Longitudinal pitch, X;. 025 m

Fin Fin spacing, f, 8.75x10” m
Height, f; 16.25x10” m
Thickness, f; 6.25x10” m
Fin diameter, D, 0.1075 m
Material Copper

Tube Inside diameter, D, 0.06185 m
Qutside diameter, D, 0.06668 m
Wall Thickness, 0.00483 m
Material Copper

Below is the general geometry of the fin tube heat exchanger developed in the 3D model
using the CATIA software (FIGURE 5.9). The design consisted 26 rows of horizontal

tube pipe arranged in staggered manner, parallel to each other.
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FIGURE 5.9: General configuration of fin tube heat exchanger.
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CHAPTER 6
CONCLUSION

Nevertheless, taking into account all the design innovations, the actual
performances of the equipment are still heavily penalized by the ambient intake air
temperature, particularly in tropical humid and hot dry zones. There are various
methods which are commercially available for turbine air inlet cooling aiming to
improve gas turbine efficiency. In this project a same approach has been proposed by
the author to improve gas turbines performance. The idea is to cool inlet air of the
gas turbines by heat exchanger using chilled water. The design is developed based
on the operating parameter of the GTE and absorption chiller in the GDC. Several
samples have successfully been analyzed by the author to have the desired outlet
temperature and heat transfer rate. The radial fin attached at the tube has able to
enhance the heat transfer coefficient of the system. The final design of the fin tube
heat exchanger is presented in 3D model. As the conclusion, apart from this result,
the author has fulfitied the objectives of the project and completed the Final Year
Project 2.
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CHAPTER 7
RECOMMENDATIONS

For the recommendations, the author has listed out some improvements on the methods
and experimental works in other to have more precise data and design model. For further
analysis, the fin geometry and characteristic should taken into consider during the
designing and validation phase. Study has been showed that fin spacing and thickness as
well as the type fin to be used in the heat exchanger have major role in the heat transfer |
coefficients and pressure drop. Second is, the fluid flow analysis using Computational
Fluid Dynamics (CFD) software, has to be make to have more promising results effect
from the variables mentioned in this report. Lastly, the system should be improved more
in term of the design and the method been used in other to be placed at the inlet of the

gas turbine engine.
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APPENDIX A: THERMAL PROPERTIES OF SATURATED LIQUID WATER
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APPENDIX B: THERMAL PROPERTIES OF GASES AT ATMOSPHERIC
PRESSURE
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APPENDIX C: THERMAL PROPERTIES OF METALLIC SOLIDS
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APPENDIX F: HEAT EXCHANGER PERFORMANCE SPREADSHEET

S WATERSIDE oo
Reynolds  Nusselt Heat -Transfer Pressure Reynolds Nusselt Feat :Fransfer Pressure
Number number Coefficients, h Drop, &P © Number number qufﬁments, h. Drop, AP.(Pa) B
- {W/m2.K) -~ {Pa) = o WwW/m2ky T ©
“Nr=18, Tube = | | | | o
B ' 360 _ By
51| 0.02858 | 0.02527 18831.72 | 107.9579 99.34545049 1.14585 354616 | 2166.649 49643.4368 116100.6
" 52| 0.03493-| 0.03162. 23015.82 | 121.7689 91.68397604 1.14585 283401.2 | 1779.552 | 32585.73194 36357.44
. $30.04128 | 0.03762 27199.91 | 134.6049 85.75846478 11,4585 2382017 | 1528.124 23518.9752 14791.61
54| 0.05398 | 0.04976 35568.11 | 158.1091 77.0335161 11.4585 180087.3 | 1196.303 13920.00164 3481.198
55| 0.06668 | 0.06185" 43936.3 | 179.4793 70.79044409 11.4585 144885.1 | 989.2021 | 9260.274666 1130.996
- S61 01302 0122 85790.43 | 268.1537 54.16621379 458.3401 73452.02 | 546.8793 | 2595.435269 33.90751
- Nr=20, Tube=
: 400
.1S1°| 0.02858° 0.02527 18831.72 | 107.9579 99.34545049 1.273167 354616 | 2166.649 49643.4368 116100.6
.52 0.03493"| 0.03162 23015.82 | 121.7689 91.68397604 1.273167 283401.2 | 1779.552 | 32585.73194 36357.44
53| 0.04128.| 0.03762 | 27199.91 | 134.6049 85.75846478 12.73167 2382017 | 1528.124 23518.9752 14791.61
. 54005398 | 0.04976 35568.11 | 158.1091 77.0335161 12.73167 180087.3 | 1196.303 13920.00164 3481.198
55| 0.06668-] 0.06185 43936.3 | 179.4793 70.79044409 12.73167 144885.1 | 989.2021 | 9260.274666 1130.996
©.°$6]. 01302 | .0.122| 85790.43 | 268.1537 54.16621379 509.2667 73452.02 | 546.8793 2595.435269 33.90751
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APPENDIX F: (CONTINUED)

| Nr=24, Tube

Reynolds
Number

Nusselt

Meat Transfer
Coefficients, h

Pressure

number

Drop, AP

(Pa)

Reynolds

Number

Nusseit

Heat Transfer
Coefficients, h

Pressure. Drop, AP -

number

=480

511002858 | 002527 | 18831.72| 107.9579 | 99.34545049 1.5278 | 354616 | 2166.649 49643.4368 116100.6
'S2|0.03493| - 0.03162| 2301582 | 1217689 | 91.68397604 1.5278 | 2834012 | 1779.552 32585.73194 36357.44
5371004128 | 003762 | 27199.91 | 134.6049 | 85.75846478 15,278 | 2382017 | 1528.124 23518.9752 14791.61
S41.005398 | - 0.04976 | 35568.11 | 158.1091 77.0335161 15.278 | 180087.3 | 1196.303 13920.00164 3481.198
S5 006668 | 0.06185 43936.3 | 179.4793 | 70.79044409 15.278 | 144885.1 | 989.2021 |  9260.274666 1130.996
'S6| 01302 - 0122| 85790.43 | 268.1537 | 54.16621379 | 611.1201 | 73452.02 | 546.8793 2595.435269 33.90751

-~ ] ‘Nr=26,Tube =520
51002858 | - 0.02527 | 18831.72| 107.9579 | 99.34545049 | 1.655117 | 354616 | 2166.649 49643.4368 116100.6
521003493 | 003162 | 23015.82 | 121.7689 | 91.68397604 | 1.655117 | 2834012 | 1779.552 32585.73194 36357.44
$3]004128| 0037621 27199.91 | 134.6049 | 8575846478 | 16.55117 | 238201.7 | 1528.124 23518.9752 14791.61
$4{0.05398 | 004976 | 35568.11 | 158.1091 77.0335161 | 16.55117 | 180087.3 | 1196.303 13920.00164 3481.198
- 55 0.06668 | 0.06185 43936.3 | 179.4793 | 70.79044409 | 16.55117 | 144885.1 | 989.2021 9260.274666 1130.996
56| 0.1302 0122 | 8579043 | 268.1537 | 54.16621379 | 662.0468 | 73452.02 | 546.8793 2595.435269 33.90751
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APPENDIX G: THE OVERALL PERFORMANCE OF HEAT EXCHANGER SPREADSHEET.

0]
verall Heat Outlet

Fin Total Surface Transfer Total Heat Transfer

Temperature, T,
{°C)

Z

Effectiveness, & Area, m{m®) -  Coefficients, U,

Rate, Q (W)
(W/m*X) _

Nr =18, Tube = 360. -

- $1|0.02858 | 0.02527 6.8185007 340.4072 97.60061 27.75458 604631
$S2|0.03493 | 0.03162 | 6.667431291 404.5618 90.11016 26.87832 662353.4
S3|0.04128 | 0.03762 | 6.562839147 468.6708 84.24803 26.09559 717408.2

. S4|005398 | 0.04976 6.42747777 596.752 75.58288 | 24.73761 819535.3
..-S5/0.06668 | - 0.06185 | 6.343678764 724.6507 69.33261 23.58272 912906.6
SB[ 0.1302 0.122 | 6.169911674 1361.608 52.35374 19.50349 1295390

" | Nr=20, Tube = 400

©81|0.02858 |  0.02527 6.8185007 377.9525 97.60061 26.99147 671067.3
'S2:0.03493 ] 0.03162 | 6.667431291 449.2353 90.11016 26.05413 735215.7
$S3|004128| 0.03762| 6.562839147 520.4676 84.24803 25.22053 796392.5
S4| 005398 | 0.04976 | 6.42747777 662.78 75.58288 23.78288 909864.9

- $5|0.06668 | . 0.06185 | 6.343678764 804.8897 69.33261 22.56931 1013600
S6! 01302! - 0122| 6.169911674 1512.62 52.35374 18.35738 1438489

‘Nr =22, Tube =440 . '
©7 511002858 0.02527 6.8185007 415.4977 97.60061 26.25513 737503.6
'$2 | 0.03493 | 0.03162| 6.667431291 493.9089 90.11016 25.26248 808077.9
7.°7831°0.04128 | '0.03762 | 6.562839147 572.2643 84.24803 24.38356 875376.8
- S4[005398 | 0.04976 6.42747777 728.808 75.58288 22.87681 1000195
S5/ 006668 | 0.06185 | 6.343678764 885.1286 69.33261 21.61431 1114294
' 56 01302 | - 0122 | 6.169911674 1663.632 52.35374 17.30855 1581589
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APPENDIX G: (CONTINUED)

Qverall Heat

Bi (m) ' 'Fin Total Surfac?e Tr_ar.}sfer Tempilsgltitre T Total Heat Transfer
Effectiveness, & Area, m {m°) Coefficients, U, o roe Rate, Q (W)
(W/mZ2.K) )
" Nr=24, Tube =480 -
S1| 0.02858 | 0.02527 6.8185007 453.043 97.60061 25.54462 803939.8
S2| 0.03493| 0.03162 6.667431291 538.5824 90.11016 24.50207 880940.2
$31| 0.04128 0.03762 6.562839147 624.0611 84.24803 23.58304 954361.1
' S4| 0.05398 0.04976 6.42747777 794.8359 75.58288 22.0169 1090524
55| -0.06668 | 0.06185 6.343678764 965.3676 69.33261 20.71435 1214987
S6 | 0.1302 0.122 6.169911674 1814.644 52.35374 16.34874 1724688
| Nr=26,Tube=520
S1| 0.02858 |  0.02527 6.8185007 490.5882 97.60061 24.85903 870376.1
52| 0.03493 0.03162 6.667431291 583.2559 90.11016 23.77169 953802.5
83 0.04128 0.03762 6.562839147 675.8578 8424803 ' 22.81738 1033345
-S4 - 0.05398 0.04976 6.42747777 860.8639 75.58288 21.2008 1180854
S5/ .0.06668 | 0.06185 | 6.343678764 1045.607 69.33261 19.86626 1315681
S6. 01302 0422 6.169911674 1965.656 52.35374 15.47039 1867787
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